The infl uences of the number of heat transfer units distribution, cycle pressure ratio, specifi c heat ratio, etc. on the performance of an irreversible regenerative closed intercooled Brayton cycle are investigated in terms of thermal effi ciency, thermodynamic effi ciency, dimensionless power, entropy generation number and Ecological Coeffi cient Of Performance (ECOP). Different performance criteria correspond to the different optimal number of heat transfer units distribution schemes, generally, the Ntu R fraction is the largest, followed by Ntu H fraction and Ntu L fraction, the Ntu I is the smallest in the optimal distribution schemes. There exist the optimal specifi c heat ratios, the optimal cycle pressure ratios and the optimal intercooling pressure ratios for the maximum thermal effi ciency, the maximum thermodynamic effi ciency and the maximum ecological coeffi cient of performance in some situations. In general, the optimal specifi c heat ratio relatively increases as the cycle pressure ratio decreases and slightly increases as the intercooling pressure ratio increases. The optimal cycle pressure ratio increases and the optimal intercooling pressure ratio slightly decreases as the specifi c heat ratio decreases.
Introduction
With the decline of storage capacity for fossil fuels, to using energy sources effi ciently by optimising the existing energy systems is one of the most effective ways to reduce energy demand. Recently, the Brayton cycles have attracted a great deal of attention. Leff (Leff, 1987) found that the reversible simple Brayton cycle's thermal effi ciency is 1 /
I l H T T η = −
when the system reaches the maximum work output. Bejan (Bejan, 1988) proved that the power output of an endoreversible simple Brayton cycle reaches maximum when its entropy generation rate is minimum. Wu et al. (1996) analysed an endoreversible regenerative Brayton cycle by minimising irreversibilities with heat exchangers. Huang et al. (2000) investigated an irreversible Brayton engine with an external heat source with the ecological exergy analysis proposed by Refs. (Angulo-Brown, 1991; Arias-Hernández and AnguloBrown, 1997) and found that the performance is better than that obtained with the maximum power output conditions. Chen et al. (2002a Chen et al. ( , 2002b conducted performance analysis of an irreversible closed Brayton cycle coupled to constant and variable temperature heat reservoirs and reported that the power plant design with maximum power density leads to a higher effi ciency and smaller size than that with maximum power output. The optimum heat conductance distribution among the heat exchangers in a closed Brayton cycle was analysed based on the maximum power, power density and effi ciency in Ref. (Chen et al., 2003) . Kaushik et al. (2003) stated that an irreversible regenerative Brayton cycle with isothermal heat addition has a signifi cant improvement in the thermal effi ciency over the conventional one. Cheng and Chen (2000) examined the effects of intercooling on the maximum power and maximum power effi ciency of an endoreversible Brayton cycle and found that an endoreversible intercooled Brayton cycle is better than an endoreversible simple Brayton cycle without lowering the thermal effi ciency. Chen et al. (2004) investigated the performance of an irreversible closed intercooled regenerator Brayton cycle coupled to constant temperature heat reservoirs in terms of dimensionless power and thermal effi ciency. Chen and Su (2005) reported that the method of exergy effi ciency Optimisation is more practical and effective than traditional methods or objective indices for an irreversible Brayton refrigeration cycle. Based on ecological exergy function, an irreversible regenerative intercooled Brayton cycle with isothermal heat addition under constant temperature heat reservoirs was analysed in Ref. Tyagi et al. (2005) . Wang and Gu (2005) investigated the performances of three Brayton cycles of helium, nitrogen and air for nuclear power plants in terms of thermal effi ciency. taken the dimensionless power and thermal effi ciency as the objectives to optimise an endoreversible closed intercooled regenerated Brayton cycle coupled to constant temperature heat reservoirs and an irreversible closed intercooled regenerated Brayton cycle coupled to variable temperature heat reservoirs was analysed by the same authors in Ref. . Herrera et al. (2006) optimised an irreversible regenerated Brayton cycle coupled to variable temperature heat reservoirs for maximising power output and minimising entropy generation. A regenerative intercooled reheat Brayton heat engine coupled to variable temperature heat reservoirs was optimised to maximize the power output and thermal effi ciency in Ref. (Tyagi et al., 2006) . Ust et al. (2006) investigated the performance of an irreversible Brayton cycle coupled to constant temperature heat reservoirs in terms of Ecological Coeffi cient Of Performance (ECOP). In this paper, the performance of an irreversible regenerative closed intercooled Brayton cycle coupled to variable temperature heat reservoirs is investigated in terms of thermal effi ciency, dimensionless power output, thermodynamic second law effi ciency, entropy generation number and ECOP. The infl uences of cycle pressure ratio, intercooling pressure ratio, global heat exchanger size distribution, specifi c heat ratio etc. on the performance objectives are presented and the differences among the objectives are also discussed.
Theoretical analysis

System description
The temperature-entropy diagram of an irreversible regenerative closed intercooled Brayton cycle coupled to variable temperature heat reservoirs is presented in Figure 1 . As shown in Figure 1 , the working fl uid enters the fi rst compressor at temperature T 1 and pressure P L and is compressed up to state point 2 (ideally up to state point 2S) and then enters the intercooler with pressure P I , the temperature of working fl uid is cooled down to T 3 by the fi nite heat capacity heat sink whose temperature varies from T I,i to T I,o in the intercooler. The working fl uid enters the second compressor and is compressed up to state point 4 (ideally up to state point 4S) and then enters the regenerator with pressure P H where it is heated up to state point 7. The working fl uid is heated up from T 7 to T 5 by the fi nite heat capacity heat source whose temperature varies from T H,i to T H,o and then it expands to state Figure 1 The T-S diagram of an irreversible regenerative intercooled Brayton cycle point 6 (isentropic expands to state point 6S). The working fl uid leaving the turbine enters the regenerator and is cooled down to state point 8 and fi nally, the working fl uid is cooled down to state point 1 by the fi nite heat capacity heat sink whose temperature varies from T L,i to T L,o in the precooler.
Thermodynamic analysis
The present work is performed based on the following assumptions: the working fl uid used in the cycle is an ideal gas with constant heat capacity rate C w ; the heat capacity rates of heat reservoir and heat sinks are constant; the heat exchangers in the cycle are counter fl ow; the pressure losses in the heat exchangers are neglected; The potential and kinetic energy changes are neglected; the heat transfer between the exchanger and its surroundings is neglected. The heat transfer rate in the hot side heat exchanger can be written as:
where C H is the heat capacity rate of high temperature heat reservoir in hot side heat exchanger, C H ,min the smaller one of the two heat capacity rates C W and C H in the hot side heat exchanger, ε H the effectiveness of the hot side heat exchanger. The heat transfer rate in the pre-cooler can be written as:
where C L is the heat capacity rate of the low temperature heat sink in the pre-cooler, C L,min the smaller one of the two heat capacity rates in the pre-cooler, ε L the effectiveness of the pre-cooler. The heat transfer rate in the regenerator can be expressed as:
here ε R is the effectiveness of the regenerator. The heat transfer rate in the intercooler is
here C I,min is the smaller one of the two heat capacity rates in the intercooler, ε I the effectiveness of the intercooler. The effectiveness of counter fl ow heat exchanger can be written as follows (Ust et al., 2006; Shah and Sekulić, 2003) :
, R is the ratio of the smaller heat capacity rate to the larger one in heat exchanger, Ntu the number of heat transfer units. The effectiveness of regenerator can be written as (Shah and Sekulić, 2003) :
Assuming that the fi rst and second compressors have the same effi ciency η c the isentropic compression effi ciency and isentropic expansion effi ciency can be expressed as:
In the isentropic compression and expansion processes, we have:
where π is the cycle pressure ratio, π 1 the inter-cooling pressure ratio, m can be written as:
here k is the specifi c heat ratio of ideal gas.
Evaluation criteria
The net output work for the power generation system is
where the fi rst term of the right side in Equation.
(10) represents the work generated in expansion process and the second term represents the work consumed by the two compressors. The thermal effi ciency (thermodynamic fi rst law effi ciency) can be expressed as:
The exergy supplied by the high temperature heat reservoir can be expressed as:
where T a is the environmental temperature. The thermodynamic effi ciency (second law effi ciency) can be written as :
The dimensionless power is written as follows:
where (T H,i -T L ,i) is the theoretical maximum temperature difference between the highest point and lowest point of the working fl uid. When (T H,i -T L,i ) is constant, the dimensionless power can be understood as the specifi c power or the work done by the heat which required to raise the temperature of work fl uid by 1 K. The entropy generation in the turbine is
here R g is the ideal gas constant, v and c p are the specifi c volume and the specifi c heat of working fl uid respectively. The entropy generation in the regenerator is Bejan, 1982) 
The entropy generation in the pre-cooler is
The entropy generation in the fi rst compressor is
The entropy generation in the intercooler is , 3 , 1 2 , ln ln
The entropy generation in the second compressor is 4 , 2 3 1 ln ln
The entropy generation in the hot side heat exchanger is , 5 , 7 , ln ln
The total entropy generation is ,total , , ,
The dimensionless entropy generation number can be written as (Bejan, 1977; Bejan, 1980) :
An ecological objective function proposed by Angulo-Brown (1991) and improved by Yan (1993) is written as:
However, Ust et al. (2006) pointed out that the ecological objective function may take negative values and an ECOP was proposed by Ust et al. (Ust et al., 2006 and as follows:
Combining Equations. (1)- (25), one can fi nd that the criteria can be organised as following format:
Results and discussion
In order to investigate the infl uence of the number of heat transfer units distribution on the performance of the Brayton cycle system, the total number of heat transfer units is assumed to be fi xed. Here, Ntu=30 is taken as an example to exemplify the application of the analysis method and the analysis method can also be applied in the cases where Ntu having difference values. The total number of heat transfer units can be written as:
The proportions of the numbers of heat transfer units of hot side heat exchanger, regenerator, intercooler and precooler in the total number of heat transfer units are written as:
The known data is listed in Table 1 . At x R = x I = x L = (1 − x H )/3 and k = 1.66, the variations of the ECOP, thermal effi ciency, dimensionless power and thermodynamic effi ciency with the number of heat transfer units fraction for the hot side heat exchanger are shown in Figure 2 . Figure 2 (a) demonstrates that the ECOP and thermal effi ciency increase fi rst then decrease as Ntu H fraction increases. The peak value of the ECOP occurs at around X H = 0.3, while the peak value of the thermal effi ciency appears near x H = 0.25. The dimensionless power and thermodynamic effi ciency also increase at fi rst and then decrease with the increase of Ntu H fraction at x R = x I = x L = (1 − x H ))3 as shown in Figure 2 (b). The peak value of the dimensionless power occurs near x H = 0.28, while the maximum value of thermodynamic effi ciency happens in the neighbourhood of X H = 0.45. After reaching the peak values, the ECOP, thermal effi ciency and thermodynamic effi ciency signifi cantly decrease as the Ntu H fraction increases, while the dimensionless power slightly decreases.
Table 1
The known operation parameters
Operation parameters Values
Compressor isentropic effi ciency, η c 0.9 Turbine isentropic effi ciency, η t 0.9 Inlet temperature of heat reservoir, T H,i , K 1500 Inlet temperature of heat sink, T L,i , K 300 Environmental temperature, T a , K 300 Cycle pressure ratio, π 6 Intercooling pressure ratio, π 1 3 Heat capacity rate ratio, R i , i = (H, I, L)
1.1 Total number of heat transfer units, Ntu 30
Figure 2
The variations of (a) ECOP and thermal effi ciency and (b) dimensionless power and thermodynamic effi ciency with the number of heat transfer units fraction for the hot side heat exchanger at x R = x I = x L = (1 − x H )/3 and k = 1.66
At x R = x I = x H = (1 − x L ))3 and k = 1.66, the variations of the ECOP, thermal effi ciency, dimensionless power and thermodynamic effi ciency with the number of heat transfer units fraction for the precooler are shown in Figure 3 . There exist peak values for the ECOP and thermal effi ciency as shown in Figure 3 (a) and the optimal X L for ECOP is smaller than that for the thermal effi ciency. The dimensionless power and thermodynamic effi ciency have the same variations as the Ntu L fraction increases and the peak values happen near the same X L . The objective functions decrease signifi cantly as the Ntu L fraction increases after reaching their peaks. Figure 3 illustrates that the Ntu L fraction should not be larger than 0.3. Figures 2 and 3 demonstrate that the number of heat transfer units distributions among the heat exchangers have important infl uence on the performance of the power system when the total number of heat transfer units is fi xed and the optimal values of different criteria correspond to the different optimal number of heat transfer units distribution schemes. Based on the known data as shown in Table 1 , a random distribution scheme and the optimal distribution schemes corresponding to the maximum thermal effi ciency, maximum thermodynamic effi ciency and minimum entropy generation number among the heat exchangers are documented in Table 2 . From Table 2 , one can see that Ntu H fractions and Ntu R fractions corresponding to the optimal distribution schemes relatively increases, while the Ntu L fractions and Ntu I fractions relatively decrease in comparison with the random distribution scheme. Compared with the optimal distribution schemes for thermodynamic effi ciency and entropy generation number, the x R in the distribution scheme corresponding to the maximum thermal effi ciency is the largest, while the x H is the smallest. This indicates that the thermal effi ciency is attached more importance to energy quantity than to energy quality. In general, the Ntu R fraction is the largest, followed by the Ntu H fraction and the Ntu L fraction, the Ntu I fraction is the smallest in the optimal distribution schemes of the number of heat transfer units. Compared with the random distribution scheme, the performance of the system is improved evidently in the optimal distribution schemes. Among the four distribution schemes, the thermal effi ciency in the scheme corresponding to the maximum thermal effi ciency is the largest, but the dimensionless power and ECOP in this scheme are the smallest and the entropy generation number in this scheme is the largest. The thermal effi ciency, thermodynamic effi ciency and entropy generation number in the scheme corresponding to the minimum entropy generation number are the smallest, while the dimensionless power and ECOP in this scheme are the largest. Table 2 demonstrates that it is necessary to take full consideration of all kinds of factors to optimise the system. Table 2 The optimal number of heat transfer units distribution schemes for different criteria At X H = 0.2925, X L = 0.2081, X R = 0.3135 and X I = 0.1859, the variations of thermal effi ciency, dimensionless power, thermodynamic effi ciency and entropy generation number with the specifi c heat ratio are shown in Figure 4 . The thermal effi ciency increases fi rst, reaches the peak near k = 1.3 and then decreases as the specifi c heat ratio increases, while the dimensionless Figure 3 The variations of (a) ECOP and thermal effi ciency and (b) dimensionless power and thermodynamic effi ciency with the number of heat transfer units fraction for the precooler at x R = x I = x H = (1 − x L )/3 and k = 1.66
power monotonously increases as the specifi c heat ratio increases as shown in Figure 4 (a). This means that the work fl uid with a large specifi c heat ratio needs a relatively small mass fl ow rate to meet the same power output. There exist extrema for the thermodynamic effi ciency and entropy generation number as the specifi c heat ratio increases as shown in Figure 4 (b) , but the optimal specifi c heat ratio corresponding to the minimum entropy generation number is smaller than that corresponding to the maximum thermodynamic effi ciency. Figure 5 . The ECOP reaches its peak in the neighbourhood of k = 1.25 in the case of π = 20 and the optimal specifi c heat ratio for the ECOP increases as the cycle pressure ratio decreases. For a very small cycle pressure ratio the optimal specifi c heat ratio does not exist for the ECOP in the present work. The maximum ECOP happens at around π = 5 when the specifi c heat ratio is 1.7 and the optimal cycle pressure ratio for the ECOP increases as the specifi c heat ratio decreases. When the specifi c heat ratio is near 1.1, the optimal cycle pressure ratio for the ECOP does not appear in the range of 2 to 20. In the case of π 1 = 2 and k = 1.66, the variations of thermodynamic effi ciency, dimensionless power and ECOP with the cycle pressure ratio for different heat capacity rate ratios are illustrated in Figure 6 . The optimal cycle pressure ratio for the thermodynamic effi ciency is around 4 and the optimal cycle pressure ratio increases as the heat capacity rate ratio grows, so does the maximum thermal effi ciency as shown in Figure 6 (a). There exists the optimal cycle pressure ratio for the dimensionless power for a heat capacity rate ratio, the larger the heat capacity rate ratio is, the larger the optimal cycle pressure ratio and the maximum dimensionless power are as shown in Figure 6 (b). The optimal cycle pressure ratio also exist for the ECOP as shown in Figure 6 (c), the optimal cycle pressure ratio and the maximum ECOP increase as the heat capacity rate ratio grows.
Figure 6
The variations of thermodynamic effi ciency, dimensionless power and ecological coeffi cient of performance with the cycle pressure ratio for different heat capacity rate ratios at π 1 = 2 and k = 1.66
The variations of thermodynamic effi ciency with the inter-cooling pressure ratio and specifi c heat ratio at π = 6 are shown in Figure 7 . The optimal specifi c heat ratio is around 1.25 for the thermodynamic effi ciency in the neighbourhood of π 1 = 6 and the optimal specifi c heat ratio slightly increases as the intercooling pressure ratio increases. The optimal inter-cooling pressure ratio is around 2 for the thermodynamic effi ciency at k = 1.7, the optimal inter-cooling pressure ratio decreases as the specifi c heat ratio decreases. For a smaller specifi c heat ratio, the optimal inter-cooling pressure ratio does not appear for the thermodynamic effi ciency in the range of 1-6.
Figure 7
The variations of thermodynamic effi ciency with the intercooling pressure ratio and specifi c heat ratio at π = 6
The variations of dimensionless power with the specifi c heat ratio and inter-cooling pressure ratio at π = 6 are shown in Figure 8 . The optimal specifi c heat ratio does not exist for the dimensionless power when the inter-cooling pressure ratio varies in the range of 1 to 6 and the dimensionless power monotonously increases for a specifi c heat ratio. The optimal Figure 8 The variations of dimensionless power with the specifi c heat ratio and intercooling pressure ratio at π = 6 inter-cooling pressure ratio is around 2.2 for dimensionless power at k=1.7 and the optimal inter-cooling pressure ratio relatively decreases as the specifi c heat ratio decreases. The optimal inter-cooling pressure ratio corresponding to the maximum dimensionless power does not appear in the range of 1-6 near k = 1.1.
Conclusions
The performance of an irreversible regenerative closed intercooled Brayton cycle is investigated in terms of thermal effi ciency, thermodynamic effi ciency, dimensionless power, entropy generation and ECOP. When the total number of heat transfer units is fi xed, the number of heat transfer units distribution among the hot side heat exchanger, regenerator, intercooler and precooler has great infl uence on the performance of the system. The different performance criteria correspond to the different optimal number of heat transfer units distribution schemes among the heat exchangers, generally, Ntu R fraction is the largest, followed by Ntu H fraction and Ntu L fraction, the Ntu I fraction is the smallest. There exist the optimal specifi c heat ratios for the thermal effi ciency, thermodynamic effi ciency, entropy generation number and ECOP and the optimal specifi c heat ratio relatively increases as the cycle pressure ratio decreases. The dimensionless power monstrously increases as the specifi c heat ratio increases in the present work. The optimal cycle pressure ratio for the ECOP increases as the specifi c heat ratio decreases. The optimal cycle pressure ratio, the maximum thermodynamic effi ciency, the maximum dimensionless power and the maximum ECOP relatively increase as the heat capacity rate ratio grows. With the decrease of the specifi c heat ratio, the optimal cycle pressure ratio increases and the optimal intercooling pressure ratio slightly decreases.
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